• Effect of the air-water heat exchanger's degradation on the performance of the reheated humid air turbine is evaluated.
Introduction
Over the past decades, the development of new technologies in the power generation sector was focused on the enhancement of thermal efficiency together with reduction of emission levels. Among various possible approaches to address these challenges, Humid Air Turbines (HAT), also called Evaporative Gas Turbines (EvGT), were introduced as a promising concept by Jonsson and Yan [1] and Yagi et al. [2] . Since the early introduction of HAT systems in the late 80's by Rao [3] , numerous studies showed the highly efficient variations of such cycles and their advantageous economic performance. Lazzaretto and Segato [4, 5] introduced a high efficiency configuration using an intercooler, aftercooler, and economiser to recuperate a notable amount of heat back into the cycle. Ågren and Westermark [6, 7] suggested that a percentage of the inlet mass flow should bypass the aftercooler and saturator to further improve cycle performance. Chiesa et al. [8] showed that the addition of a second combustion chamber could improve the thermal efficiency beyond the 60% thershold, which was also later confirmed by Nakhamkin et al. [9] and Brighenti et al. [10] .
Further economic studies also demonstrated the potential benefits of HAT systems. Jonsson and Yan [11] compared the techno-economic performance of a HAT cycle against a Combined Cycle Gas Turbine (CCGT) showing that for a similar cost of the electricity, the HAT cycle offers a 12-15% lower specific investment cost. Further studies, such as the ones presented by Kavanagh and Parks [12, 13] and Traverso and Masardo [14] showed that a HAT system is capable of achieving up to 7% lower cost of the electricity than a CCGT. In terms of part load performance, Takahashi et al. [15] demonstrated that the part load efficiency penalty of a HAT system is up to a 10% lower compared to a typical CCGT across a similar range of operating conditions. Finally, Wang et al. [16] and Kim et al. [17] proved that the performance of the HAT was also less affected by the change in ambient conditions compared to a typical CCGT.
On the downside, the potential efficiency and cost benefits of a HAT or a CCGT system heavily rely on a number of heat exchanger units as part of the cycle. These heat exchangers are susceptible to fouling which may cause notable penalties on their effectiveness and have a detrimental effect on the thermal performance of the whole system [18] [19] [20] [21] . More specifically, various types of deposits on the inner walls of the heat exchangers can reduce its heat transfer coefficient with notable effects on the overall effectiveness of the unit. Some of these effects were previously quantified for a combined steam-gas system by Zwebek and Pilidis [22, 23] who concluded that a 5% deterioration of the heat exchangers of a CCGT may cause up to 1.5% reduction in work and efficiency.
Nevertheless, no previous research has quantified the impact of heat exchanger deterioration to the cycle performance for a HAT system which is the topic of the present work. In this paper the performance degradation effects of a number of heat exchangers on the thermal output and economic performance of a 40 MW advanced HAT system are determined. A new approach to simulate the degraded performance of the heat exchangers and the integration into the whole cycle offdesign model was developed. The effect of the air-water heat exchanger's degradation on the system's performance is shown for three design scenarios across a range of heat exchanger's technology levels. Finally, exergy analysis was used to identify the key system components affected by the variations of the heat exchanger's effectiveness due to the degradation effects.
Methodology

Cycle configuration
The Reheated Humid Air Turbine (RHAT) analysed herein( Fig. 1 ) was previously presented by Brighenti et al. in [10] . The heat exchanger configuration is selected to maximise the heat recuperated within the cycle, as suggested by Nyberg and Thern [24] . A saturator bypass duct is included to enhance the thermal efficiency, as recommended by Ågren and Westermark [6, 7] . The reheater is added in order to further augment the thermal efficiency and specific power, as recommended by Chiesa et al. [8] and demonstrated by Brighenti et al. [10] . An open loop is used to feed water in the heat exchangers as discussed by Rosen [25] . The intercooler and the aftercooler are assumed to be plate-fin heat exchangers, whereas the economiser is considered as a tube-fin heat exchanger as previously presented by Brighenti et al. [10] The cycle definition at design point is presented in Table 1 . The selected values are reasonable assumptions based on current gas turbine and heat exchanger technology levels [11, 12, 14, 26, 27] .
The effectiveness of all air-water heat exchangers represents the "technology level" of the units and is considered to be variable as an indicator of heat exchanger degradation levels. Three heat exchanger design scenarios in terms of effectiveness were analysed as part of the present study and are presented in Table 2 .
The performance of the air-water heat exchangers is parametrically degraded by increasing the fouling resistance on the airside and waterside respectively (R f a , and R f w , ), and the pressure drop coefficient ( P Δ f ). The level of deterioration is characterised by the Degradation Coefficient (DC) defined in Eq.(1). The fouling resistance of both sides and the pressure drop penalty coefficient are normalised against the reference values [20, [28] [29] [30] shown in Table 3 . For the current analysis, the imposed DC ranges from 0 to 2.0 which drives the cycle to offdesign, while the turbine inlet temperature of 1600 K was kept constant across both combustors.
Cycle modelling
The numerical scheme to predict the part load performance of the RHAT system is based on the work previously shown by Brighenti et al. in [31] . The prediction platform relies on a number of component models to estimate their thermal behaviour across a range of operating conditions. The performance simulation platform and the workflow are shown in Fig. 2 . The performance of the gas turbine and recuperator are resolved by TURBOMATCH [32, 33] interfaced with MATLAB functions for the heat exchanger modelling. For the humidifier modelling, a new approach based on the Aramayo-Prudencio et al. [34] and Lindquist et al. [35] models has been developed as part of this work. This model was previously presented by Brighenti et al. [10, 31] and validated against experimental data from Lindquist et al. [35] . A Broyden based Fig. 1 . Reheated humid air turbine system cycle layout [10] . solver was used to match the system's components at part load [36] . The inputs were the thermodynamic design vector of the cycle, the ambient conditions, and the degradation coefficient imposed on the heat exchangers, which was the parameter driving the cycle to off-design.
The degradation of the heat exchangers is simulated using the fouling resistance (R f tot , ) as defined in Eq. (2), previously suggested by Kakaç and Pramuanjaroenkij [18] . R f tot , acts as a resistance that reduces the design overall heat transfer coefficient of the unit.
UA ( ) HE clean represents the product of the overall heat transfer coefficient at clean conditions and the heat transfer area, and UA ( ) HE f represents the same product at degraded conditions.
R f tot
, is calculated as the weighted average of the fouling resistance of the airside and the waterside. This depends on the imposed degradation coefficient (DC) where the heat transfer areas (A HE ) of the airside and the waterside are used as weighting coefficients in Eq. (3), according to Kakaç and Pramuanjaroenkij [18] .
The off-design performance simulation of the heat exchangers also relies on the variation of the effectiveness produced by the change in the heat transfer coefficient. Assuming that the flow properties of both streams do not vary significantly compared to design point, the Prandtl number and the thermal conductivity of the fluid are considered to be constant. Hence, the variation of the heat transfer coefficient (β) is only a consequence of the variations in mass flow, Prandtl and Reynolds numbers (see Eq. (4)).
This assumption enables the scaling of the heat transfer coefficient at off-design conditions as in Eq. (5). ṁw and ṁg indicate the mass flows of the waterside and the airside respectively, the subscript Ref refers to the design point conditions and f to off-design condition of the heat exchanger due to fouling. For the water passages, the Dittus-Boelter heat transfer correlation was used to approximate the heat transfer coefficient, with a value of n w of 0.8. For the plate-fin configurations, the airside heat transfer coefficient is also modelled by the DittusBoelter equation, which yields an n g value of 0.8. For the airside heat transfer coefficient estimation at the tube-fin configurations, the ESDU approach shown in [37] was used, which yields an n g value of 0.658. 
Combining Eq. (2) and Eq. (5), the off-design performance of the heat exchangers represented by their UA ( ) HE f term was calculated as shown in Eq. (6) . Once the UA ( ) HE f was known, the off-design effectiveness was calculated using the ε-NTU method proposed by Kays and London [38] . Thereafter, the outlet temperatures for the two streams 
The airside pressure loss was estimated by means of a pressure loss coefficient as previously suggested by Walsh and Fletcher [39] .
Where α is a coefficient, whose value is calculated at design point, m Ṫ , in in and P in are the inlet mass flow, temperature and pressure respectively, and P DC Δ { } f is a coefficient that accounts for fouling penalties (
) and depends on the imposed degradation coefficient, DC.
The waterside pressure loss was calculated using Eq. (8), as previously presented by Kays and London [38] . L flow represents the length of the flow passage and ρ the density of the fluid. The friction factor ( f ) was calculated as shown in the ESDU data items [40] . The water mass flux (G) was defined as the mass flow per cross sectional flow area. The degraded hydraulic diameter (D h ) of the heat exchanger was calculated considering the thickness of the fouling film (t film ) and the hydraulic diameter at clean conditions (D h clean ) as shown in Eq. (9).
The thickness of the film is estimated using the film's thermal conductivity (k film ) and R f w , , which depends on the imposed deterioration coefficient, DC, as shown in Eq. (10) (see Ezgi et al. [41] ). As the biofilm mass comprises mainly water (90-99%), the film's thermal conductivity, k film is assumed to be equal to that of the water [41] .
Exergy analysis
Exergy analysis was previously applied on simple cycle gas turbines and humid air turbines [42] [43] [44] at design point and part-load operating conditions [45, 46] to identify inefficiency sources within the system. For this study, an exergy analysis is further extended to include the effect of heat exchanger degradation on the cycle's performance.
The exergy destruction within a component is estimated by Eq. (11) (see Çengel and Boles [47] ). A reference temperature of 288.15 K is assumed while reference partial pressures were evaluated at 1 atm and a relative humidity of 80%. The key assumptions made include steady flow, adiabatic components, no changes in kinetic or potential exergy, and ideal mixture of gases. It was previously found that an ideal gas mixture at high pressures yields an under-estimation of the humidity levels achieved at the exit of the saturator [48] , which causes an underprediction of the system's power output. However, as shown by Dalili et al. [48] no notable penalty in the thermal efficiency of the system is caused in such a case.
Qk represents the heat transferred to the system at temperature T k , while T o is the reference temperature, Ẇis the output work delivered by the system, and Eẋd est is the destroyed exergy within each component. Gas and water specific flow exergy, ψ g and ψ w , are defined in Eqs. (12) and (13) for the gas and the water respectively (see Çengel and Boles [47] ). h represents the specific enthalpy, s the specific entropy, and ω the water to air ratio of the gas defined as the quantity of water vapour divided by the quantity of dry air (m ṁv a ). Subscript zero indicates properties at the reference conditions, subscript g refers to the humid air, subscript a refers to the dry air, and subscript w refers to the water. Partial pressures were considered for the flow exergy calculations.
The consumed (or destroyed) exergy within each component as well as the rejected exergy was normalised by the exergy of the intriduced fuel, see Eq. (14) .
Under the previous assumptions, the exergy balance of the cycle was determined using the following equations, derived from Eq. (11), for all system components.
Compressors:
Combustors:
For the fuel exergy estimation in Eq. (16) only the chemical part is accounted for. In this study, the power plant was assumed to run with diesel oil, whose chemical composition is C 12 H 23 (see Date [49] ). LHV represents the low heating value of the fuel, H the hydrogen atomic fraction and C the carbon atomic fraction.
Turbines:
Recuperator:
Air-water heat exchangers:
The term m ψ (̇) cond w out was added in Eq. (18) to account for the exergy of the possible water condensed from the moist in the air during the cooling process.
Saturator:
Exhaust:
The rejected exergy was defined as the sum of the exergy of the gas flow at the exit of the economiser and the water flow exiting the saturator, as in Eq. (22): 
Results and discussion
The effect of the air-water heat exchanger degradation on the thermal efficiency of the system is shown in Fig. 3 . The intercooler deterioration was found to have the most notable impact on the thermal efficiency (Fig. 3a) . For the average effectiveness design scenario, ε IC = 0.85, and for DC IC = 1, the thermal efficiency drops by 0.7 pp. This reduction becomes 1.8 pp for DC IC = 2. The aftercooler degradation was found to also have a minor effect on the cycle's thermal efficiency (Fig. 3b) . The degradation of the economiser has a less detrimental effect (Fig. 3c) as for the average baseline economiser effectiveness design scenario, the drop in the thermal efficiency forDC EC = 2 is less than 0.5 pp. For simultaneous degradation of all three air-water heat exchanger units of the RHAT system, i.e. intercooler, economiser and aftercooler (see Fig. 3d ), the thermal efficiency variation is the result of the combined penalties imposed by each heat exchanger. For the average heat exchanger effectiveness design and DC Sim = 1 the thermal efficiency drops by 1.9 pp while for DC Sim = 2 a 3 pp drop of thermal efficiency was found in comparison to clean operation.
As the baseline design effectiveness of the intercooler increases reaching the current state-of-the-art levels, the imposed penalties on the cycle's thermal efficiency become less notable. When the baseline design effectiveness of the intercooler becomes 0.95 from 0.85 (see Fig. 3a) , only a 0.3 pp penalty in thermal efficiency is observed for DC IC = 2. The aftercooler and economiser baseline effectiveness were found to have no notable impact on thermal efficiency (see Fig. 3b and  c) . Fig. 4 shows the power output penalties across a range of heat exchanger degradation coefficients. As anticipated, the degradation of the intercooler (Fig. 4a) causes the most notable penalties in power output. For the average intercooler effectiveness design scenario, ε IC = 0.85, and DC IC = 1, a 14% reduction in power output was observed in relation to the clean configuration while a 28% reduction was found for DC IC = 2. The degradation level of the aftercooler or the economiser were found to have weaker impact. For the average aftercooler effectiveness design scenario, ε AC = 0.85 and DC AC = 1, a 1% penalty on power output (Fig. 4b) was found, whileDC EC = 1 causes a roughly 2% reduction in the power output (Fig. 4c) . When the degradation occurs in all three heat exchangers simultaneously, the overall power output was penalised by about 15% DC Sim for = 1, and by 30% when DC Sim = 2. Similarly to the efficiency variations, the highest rate of change in power output was found to occur for the low heat exchanger effectiveness design. As the design effectiveness increases, the effect of degradation on the reduction rate of the system's power output becomes less notable.
The impact of heat exchanger degradation on the exergy destroyed within each component is shown in Fig. 5 across a range of degradation rates for the average heat exchanger effectiveness design scenario as defined in Table 2 . The lines connect the change in  Eẋd est points of the various components calculated for the same level of degradation coefficient (DC). The colour of each line represents the variation in the assumed level of degradation. The variation in the exergy destroyed was calculated as per Eq. (23) . The exergy analysis enables identifying the contribution of the system components to the thermal efficiency penalties when the heat exchangers are degraded.
The exergy analysis showed that the intercooler degradation (Fig. 5a ) causes a change in the exergy destroyed within the Low Pressure Compressor (LPC), the saturator, the recuperator, the main combustion chamber and the reheater. ForDC IC = 1, the exergy destroyed within the LPC increases by 0.12 pp, within the intercooler by Fig. 5 . Effect of the heat exchanger degradation on the exergy destroyed across the HAT system for the average effectiveness design scenario. 0.43 pp, and within the reheater by 0.15 pp. The exergy destroyed within the saturator reduced by 0.2 pp, within the recuperator by 0.15 pp, and within the combustion chamber by 0.26 pp. This implies that the LPC, intercooler, and reheater contribute towards the rise in the entropy generation, penalising the overall system's thermal efficiency. These effects are counter balanced by the exergy reductions occurring within the saturator, the recuperator, and the combustion chamber. Hence, the thermal efficiency penalty observed across the range of intercooler degradation levels, which can reach up to 0.7 pp for DC IC = 1, is effectively the result of a trade-off between the performance improvements of the saturator, recuperator, and main combustion chamber, and the penalties caused by the LPC, intercooler and the reheater. The analysis also showed that the aftercooler and economiser deterioration cause no notable changes in the exergy distribution across the rest of system, where all air-water heat exchangers are degraded simultaneously (see Fig. 5b ). Therefore, assuming that a change in the exergy destroyed is directly related with a change in the performance of the component, it can be seen that the deterioration of the intercooler causes a cascade effect that penalises the performance of several components across the entire system, whereas the degradation of the aftercooler and economiser only affects their own performance without notable knock on effects across the rest of the cycle. Fig. 6 shows the variation of the inlet mass flow, the specific power, the water to air ratio at the combustion chamber (ω CC ) and the recuperator effectiveness (ε RC ) when the air-water heat exchangers are degraded for the average heat exchanger effectiveness design scenario as the baseline configuration. Fig. 6a shows that intercooler degradation causes the most detrimental effects in the overall mass flow through the system, an approximately 10% drop from the baseline value forDC IC = 1. This reduction in mass flow triggers a small increase in the effectiveness of the recuperator (see Fig. 6b ), which results in a higher gas temperature at the inlet of the main combustion chamber, reducing the required temperature rise across the burner. This yields the observed reduction in the relative exergy destroyed within the combustion chamber shown in Fig. 5 . In the reheater, the temperature leap is kept constant since the free power turbine remains choked across the operating envelope, and the outlet is kept at 1600 K. However, the relative reduction in the exergy entering the cycle (lower temperature jump in the main combustion chamber) yields the increment of the relative exergy destroyed in the reheater for high levels of intercooler deterioration (see Fig. 5 ).
In terms of the saturator's operating condition, the increase in the injected water relative to the incoming air, caused the temperature leap between the water and the gas to reduce [50] . As a result, the heat and mass transfer process within the saturator tower becomes more efficient than at clean operation, which yields a decrease in exergy destruction across the saturator at degraded conditions (see Fig. 5 ). The rise in the injected water flow was derived from the increment of the air temperature at the entrance of the aftercooler, due to the degradation of the intercooling process, and at the entrance of the economiser, due to the lower pressure ratio (see Fig. 7 ). Therefore, because of the higher air inlet temperature, the water flow through these two heat exchangers was increased in order to avoid boiling.
In terms of the overall RHAT performance, the intercooler deteriorationcaused the high pressure compressor (HPC) inlet temperature to increase. This yielded higher required compressor work. At the same time an 8% reduction in the water to air ratio into the main combustion chamber was realised with regards to the clean operation (see Fig. 6c ). The combination of these two effects, along with the mass flow reduction, caused the observed specific power output penalty of approximately 12% with reference to clean operation for DC IC = 2 as shown in Fig. 6d . As expected, aftercooler and economiser degradation only weakly affect the penalties in the performance metrics of the RHAT system.
Finally, Fig. 7 shows the variation in the compressor operating points across a range of intercooler degradation levels for the average effectiveness design scenario as baseline. In the case of the High Pressure Compressor (HPC) (see Fig. 7a ), the drop in non-dimensional flow and pressure ratio causes no notable penalty on the surge margin of the compressor. However, in the case of the LPC system (Fig. 7b) , the reduction in the non-dimensional mass flow is more notable compared to the reduction in the pressure ratio for degraded operation of the airwater heat exchangers. This yields a considerable loss of surge margin as the intercooler deterioration levels increase which may result in unstable operation of the whole system. In addition, the shifting of the LPC's operating point to lower efficiency further justifies the increase in the exergy destroyed within this sub-system previously shown in Fig. 5 .
Conclusions
The impact of air-water heat exchanger degradation on the performance of a reheated humid air turbine was herein analysed. Intercooler degradation was found to impose the most notable penalties on the thermal efficiency and the power output of the RHAT cycle, with a reduction up to 1.8 pp and 28% respectively for DC IC = 1 and for an average nominal technology level of the heat exchangers. Aftercooler and economiser deterioration was found to have a weak impact on cycle performance. These performance penalties for DC IC = 1 are also reflected in the mass flow through the system which drops by about 10% compared to the baseline as well as in the specific power output which shows an approximately 6% reduction form the nominal. The penalties in cycle performance become more significant as the baseline design effectiveness of all heat exchangers is reduced.
Exergy analysis enabled the identification of the main sources that cause changes in cycle performance when the heat exchangers are degraded. It is demonstrated that the degradation of the intercooler yields to notable performance penalties across the entire RHAT system, primarily at the low pressure compressor, the main combustion chamber and the reheater as the exergy destroyed within each of these parts increases when the intercooler deterioration coefficient varies betweenDC IC = 0 and DC IC = 2. On the other hand, performance enhancements were demonstrated at the saturator and the recuperator units. The exergy analysis showed that the degradation of the economiser or the aftercooler does not affect the performance of the components across the rest of the system. In terms of the compressor operation, it is shown that intercooler degradation can cause loss of surge margin in the LPC, while the HPC system shows no operability penalties when the heat exchangers are degraded.
The outcomes of the present work indicate that from the system design point of view, heat exchangers of relatively high effectiveness are required especially in the case of the intercooler, as these show slower degradation rates. Nevertheless, the increased acquisition cost of a higher effectiveness intercooler should be taken into account at the economic assessment of the system and determine the exchange rate between the latter, thermal efficiency benefits, deterioration rate and maintenance cost. When it comes to the lower pressure compression system, a variable geometry configuration would potentially widen the operability range of the plant by mitigating the compressor surge risk at part-load operation. In addition, enhanced control of the LPC at partload may also partially mitigate the efficiency penalties when the intercooler shows increased levels of degradation.
In general, this work has provided estimates of the performance penalties in terms of thermal efficiency and specific power output for a reheated humid air turbine system caused by the air-water heat exchanger's degradation. It has also identified the key parts of the system that are susceptible to these performance penalties which can further aid the design approach. Overall, this work has provided a step forward towards a better understanding of the RHAT cycle performance penalties associated with the degradation of the air-water heat exchanger units. This may be further used to aid the design and development of such power system for applications where high thermal efficiency is critical.
